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In this case study, mechanism leading to squeal noise in an automotive disc brake
system is investigated with focus on systematic laboratory experiments and associ-
ated computational models. First, experimental modal analyses are conducted on
the brake corner assembly components, and the natural frequencies and corre-
sponding mode shapes are obtained. Second, finite element models of same com-
ponents are developed, updated and validated by comparing predicted modal
characteristics with those measured. Third, a controlled laboratory experiment is
designed, constructed and operated in a semi-anechoic room. Experiments are con-
ducted at many operational disc speeds and brake line pressures, and acceleration
on the caliper and sound pressure are measured. Squeal events at distinct frequen-
cies are successfully identified in the experiments. Fourth, a comprehensive com-
putational model of the brake corner assembly is constructed using validated
component models, and squeal investigation is then conducted through complex
eigenvalue analyses while mimicking the operational conditions of experiments.
The system model yields unstable frequencies at several operational conditions.
It is observed that experimentally detected squeal frequencies match well with
predicted unstable frequencies. Finally, operational deflection shape measure-
ments on the caliper are also carried out during squeal events, and the predictions
are found to be similar to those measured. In conclusion, the squeal generation
mechanism of the brake system is understood from the perspective of friction-
induced modal coupling, and an experimentally validated computational model of
the brake system is successfully developed that may be used tofind solutions to miti-
gate squeal. © 2020 Institute of Noise Control Engineering.
Primary subject classification: 11.8.1; Secondary subject classification: 75.6
1 INTRODUCTION

The brake squeal noise problem (beyond 1 kHz) is a
major source of customer dissatisfaction for automobile
manufacturers1–3, and a significant number of brake sys-
tem related warranty issues are claimed to be linked to
squeal4. Among many friction-induced vibration and
noise problems, the brake squeal has also attracted most
attention from academic researchers, as evident from
three comprehensive literature reviews1–3. Several physical
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mechanisms leading to squeal noise have been proposed;
these include negative damping concept, dynamic insta-
bility due to mode coupling, stick-slip, sprag-slip and
hammering1. However, the problem still remains elusive,
and no general noise control solution has been proposed
yet due to its nonlinear and/or random characteristics.

Squeal phenomenon has been extensively studied by
experimental5–7, computational8–10 and analytical11,12 ap-
proaches. For the experimental investigations of squeal,
few laboratory setups have been built, such as pin-on-disc,
beam-on-disc, and mass on sliding belt, as well as test
rigs with simple brake components13. As an example,
Giannini et al.6 built an experiment where an elastic beam
is used as the caliper; they claim that the squeal frequencies
are usually close to the natural frequencies of the coupled
system, and the stick-slip vibrations are not essential to ini-
tiate squeal. Furthermore, the effect of relative velocity
change (between the brake disc and brake pad) on a shift
in the squeal frequency is found to be insignificant6. In
21Published by INCE/USA in conjunction with KSNVE



another experimental study, Butlin and Woodhouse5 per-
formed a large number of squeal tests on a pin-on-disc
setup and explored an initiation of squeal events. They
claim that the normal pre-load, disc speed and additional
masses attached on the pin assembly lead to shifts in the
squeal frequencies. In terms of the computational ap-
proaches, finite element models based on the complex
eigenvalue analysis (for a linearized system) and tran-
sient time domain analysis (for a nonlinear system) are
employed to evaluate the squeal propensity of particular
brake systems14. The complex eigenvalue analysis method
is the preferred technique in the automotive industry due
to its ease and computational efficiency when compared
a

b

Fig. 1—Modal experiment result for the brake disc
point; (b) Coherence.
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to the time domain analyses9,15. Nevertheless, this ap-
proach may lead to wrong calculations and may identify
too many unstable modes16. Furthermore, the finite ele-
ment models of brake system assemblies15,17 must be
properly updated to refine the representative structural
or vibro-acoustic models.

The chief goal of this article is to describe the exper-
imental and computational steps taken to identify the
squeal source mechanism in a particular automotive disc
brake sub-system without involving the complicating ef-
fect of vehicle transfer paths. The system is assumed to
be linear, and the friction excitation is included in the
model in a simplified manner. Accordingly, the main
. (a) Transfer function magnitude at the driving
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objectives (or major tasks) are as follows: 1) determine the
modal characteristics (natural frequencies and mode shapes)
of brake system components (under free-free conditions)
through modal testing; 2) develop, update and validate
finite element models of the corresponding brake compo-
nents; 3) design and build a simplified laboratory experi-
ment, perform squeal tests at key operational conditions,
and identify dominant squeal events; 4) develop a finite el-
ement model of the system (brake corner assembly) using
validated component models and investigate the squeal
events through the complex eigenvalue analysis; and
5) compare experimental and computational results to de-
termine the nature of model coupling and thus the mechanism
of squeal noise. Well-recognized methods are utilized
a

b

Fig. 2—Modal experiment result for the brake pad.
point; (b) Coherence.
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though intense efforts are still needed to correlate theory
and experiment at each step.

2 MODAL ANALYSIS OF
BRAKE COMPONENTS

2.1 Experimental Modal Analysis

In order to understand the modal characteristics (natural
frequencies and mode shapes) of brake system compo-
nents, experimental modal analysis (EMA) is first utilized.
Modal tests are conducted under free-free boundary condi-
tions that are approximated by suspending the brake system
components with fishing line. The excitation force is ap-
plied with an impact hammer, and the accelerance type
(a) Transfer function magnitude at the driving
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frequency response functions are measured at four dif-
ferent locations with uniaxial accelerometers for each
component of the brake system. Additionally, the roving
hammer technique is used to enhance the spatial resolution
of the extracted mode shapes. The modal testing of the
brake disc is performed first with 25 excitation points,
where 16 of them are on the friction disc and the rest
are on the hat section. Due to the geometries of the brake
disc (and the pad), only in plane modes are expected.
Therefore, excitation and measurement directions are
chosen accordingly. The brake pads are tested similarly,
though only 9 excitation points are chosen. Given the com-
plex geometries of the caliper and the carrier, the measure-
ment and excitation points have to be normal to the surface
a

b

Fig. 3—Modal experiment result for the caliper. (a
point; (b) Coherence.

24 Noise Control Engr. J. 68 (1), January-February 2020
for a precise representation of the mode shape. Hence, the
caliper and the carrier are tested with 10 and 13 excitation
points, respectively, where each point is excited at three or-
thogonal directions (x, y, z).

Illustrative measured driving point transfer functions
and coherences for brake disc, brake pad, caliper and car-
rier are shown in Figs. 1 to 4, respectively. Observe that
the measured accelerances for the brake disc, brake pad
and carrier are reliable over the entire frequency range
(up to 8 kHz) as evident from the corresponding coher-
ence spectra. However, the frequency response function
of the caliper is depicted only up to 4 kHz due to poor co-
herence at the higher frequencies. This is probably due to
the insufficient excitation energy and/or complexity of the
) Transfer function magnitude at the driving
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a

b

Fig. 4—Modal experiment result for the carrier. (a) Transfer function magnitude at the driving
point; (b) Coherence.
caliper geometry. Furthermore, it is seen in Fig. 2(b) and
4(b) that the brake pad and carrier coherence spectra are
distorted beyond 6 kHz; this is most probably due to the
nonlinear behavior of the brake pad friction material, ge-
ometry of the carrier and inadequate excitation beyond
6 kHz.

Mode shapes obtained from the experimental modal
analysis are determined by quadrature picking technique18,
since all the components tested are expected to be lightly
damped. This is also observed from the measured fre-
quency response functions where coincident spectra
are insignificant compared to quadrature spectra. Hence,
Noise Control Engr. J. 68 (1), January-February 2020
the imaginary parts are assumed to be strongly related with
the modal amplitudes.
2.2 Computational Modal Analysis

Finite element models (FEMs) of the brake components
are constructed with a commercial software (ABAQUS).
Some features of these models are summarized in Table 1.
First, the mesh convergence of each component is ana-
lyzed to obtain an optimum mesh size for accurate results.
Second, the FEM solutions are obtained under free-free
boundary conditions and complex eigenvalues, and natural
25Published by INCE/USA in conjunction with KSNVE



Table 1—Summary of finite element models of
brake system components.

Brake component Number of
elements

Element type
in ABAQUS*

Brake disc 4628 Eight node brick
element (C3D8)

Brake pad Backing
plate

698 Eight node brick
element (C3D8)

Friction
material

1344 Eight node brick
element (C3D8)

Caliper 21768 Ten node tetrahedral
element (C3D10)

Carrier 12300 Ten node tetrahedral
element (C3D10)

*See Ref. 19 for an explanation the element types.

Table 2—Material properties of the brake system
components.

Component Density
(kg/m3)

Young's
modulus (GPa)

Poisson's
ratio

Brake disc 7100 110 0.26
Backing plate 7850 210 0.30
Caliper 7100 162 0.30
Carrier 7100 162 0.30
frequencies and corresponding mode shapes of each brake
component are calculated. Predicted results are compared
with measured data, and finally the finite element models
are updated for improved correlation. The model updating
procedure is carried out by tuning the material properties
(density, Young's modulus, Poisson's ratio) of each compo-
nent within their physical property limits as proposed by
Ouyang et al.20. This procedure is initially conducted on
the following components: i) brake disc; ii) backing plate
of the brake pad; iii) caliper; and iv) carrier. For each com-
ponent, the density is determined frommeasured mass and
calculated volume (from the computational models). Fur-
thermore, Young's modulus and Poisson's ratio of these
components are determined based on the material type,
and the eigenvalue analysis are initialized accordingly.
For instance, the brake disc is made of cast iron (GG20),
backing plate of the brake pad is steel and the caliper and
a b

Fig. 5—Comparison between natural frequency er
material characteristics. (a) Errors in mode
(c) Errors in mode 2 vs. mode 3.
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carrier are gray cast iron (GGG50). As a result of the
model updating procedure, the material properties utilized
for the brake system components are summarized in
Table 2. The modal updating procedure performed on
relevant components (as listed in Table 2) has revealed
that the Poisson's ratio has minimal effect on the natural
frequencies and modes. However, the analysis of brake
pad friction material requires an in-depth analysis where
the Poisson's ratio may have significant contribution21.
The friction material of the brake pad is composed of
nonferrousmetals, organic and inorganic fibers, lubricants,
abrasives, property modifiers, etc. Thus, the friction mate-
rial is modeled as a transversely isotropic material, which
has the same physical properties in the transversal plane
while assuming different properties in the normal direc-
tion. Note that the properties of the friction material are
expected to significantly vary due to the composition and
production variability. Therefore, properties of the friction
material that minimize the deviation from measurements
are estimated with a design of experiment study where
125 variants are considered. In this design of experiment
study, the following material properties are assumed as
independent elastic constants: i) Young's modulus in the
transversal plane (Ex and Ey); ii) Young's modulus in the
c

rors for each variant of the brake pad
1 vs. mode 2; (b) Errors in mode 1 vs. mode 3;
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Table 3—Material properties of the brake pad friction material based on the design of experiment analysis.

Parameter
set no.

Young's modulus
in transversal plane,

Ex = Ey (GPa)

Young's modulus
in normal direction,

Ez (GPa)

Shear modulus
in normal direction,
Gxz = Gyz (GPa)

Poisson's ratio
in transversal
plane, nxy

Poisson's ratio
in normal direction,

nxz = nyz

1 9000 1800 3000 0.20 0.20
2 9000 2000 3000 0.20 0.20
3 9700 1000 3000 0.20 0.20
4 9000 3000 2750 0.20 0.20
normal direction (Ez); iii) shear modulus in the normal di-
rection (Gxz and Gyz); iv) Poisson's ratio in the transversal
plane (nxy); and v) Poisson's ration in the normal direction
(nxz and nyz). The first three (predicted) natural frequen-
cies of all variants are compared with measured natural
frequencies, and their errors are displayed in Fig. 5. Note
that the rectangular regions at the center of the plots de-
note the variants that lead to minimal error (say less than
2%). It is observed that only four sets of friction material
properties fall within the 2% error region as indicated in
Table 3, and finally the parameter set 1 is selected for fur-
ther analysis.
2.3 Validation of Computational Modal
Analysis Results

Measured and computed natural frequencies are tabu-
lated in Table 4 along with the prediction errors. Observe
Table 4—Validation of computed (fFEM) natural frequen
corresponding error (E, % = 100 � j fEMA �

Mode index Brake s

Brake disc Brake pad

fEMA

(Hz)
fFEM
(Hz)

E
(%)

fEMA

(Hz)
fFEM
(Hz) (

1 926 935 0.97 3716 3723 0
2 1508 1656 9.81 5572 5558 0
3 1778 1845 3.77 7738 7837 1
4 2014 2167 7.60 — —
5 2336 2398 2.65 — —
6 2628 2567 2.32 — —
7 3684 3699 0.41 — —
8 4456 4362 2.11 — —
9 4920 4907 0.26 — —
10 5590 5613 0.41 — —
11 6280 6301 0.33 — —
12 — — — — —
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that the number of natural modes detected over the fre-
quency range of interest is 11, 3, 4 and 12 for brake disc,
brake pad, caliper and carrier, respectively. Observe a good
correlation between experimental and computational
results as the maximum prediction error is less than
10%. Furthermore, mode shapes that are experimentally
(EMA) and computationally (FEM) obtained are dis-
played in Figs. 6 to 9. Note that the mode shapes from
the experimental modal analysis are depicted in wire-
frame form for the sake of clarity.

Mode shapes of the brake disc are all in-plane modes
(Fig. 6) and are well correlated with the mode shapes ob-
tained from the experimental modal analysis. Furthermore,
mode shapes of the brake pad are compared in Fig. 7,
where two bending (mode 1 andmode 3) and one torsional
(mode 2) modes are observed. Again, all three predicted
modes match well with measurements. Mode shapes
of caliper are compared in Fig. 8, where the significant
cies using experimental modal analysis (fEMA) and
fFEM j /fEMA) for the brake system components.

ystem components

Caliper Carrier

E
%)

fEMA

(Hz)
fFEM
(Hz)

E
(%)

fEMA

(Hz)
fFEM
(Hz)

E
(%)

.19 1728 1740 0.69 1006 978 2.78

.25 2550 2762 8.31 1054 1035 1.80

.28 3084 3106 0.71 1438 1521 5.77
— 3502 3460 1.20 1648 1697 2.97
— — — — 2632 2634 0.08
— — — — 2904 2896 0.28
— — — — 3478 3484 0.17
— — — — 4328 4312 0.37
— — — — 4996 5015 0.38
— — — — 5716 5645 1.24
— — — — 5946 6060 1.92
— — — — 6814 6752 0.91
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Mode #1 Mode #2 Mode #3 Mode #4 Mode #5

Mode #6 Mode #7 Mode #8 Mode #9 Mode #10

Mode #11

FEM

EMA

FEM

EMA

FEM

EMA

Fig. 6—Experimental and computational mode shapes for the brake disc; refer to Table 2 for
natural frequencies. Here, blue and red frames denote the non-deformed and deformed
shapes, respectively.
motion is found on the fingers and guide pin housings.
As evident from this figure, there is a good match be-
tween computational and experimental mode shapes. Fi-
nally, the mode shapes of the carrier are shown in Fig. 9.
Observe that the mode shapes determined by EMA and
FEM match well. In summary, the computational models
of the brake system components are experimentally vali-
dated based on their natural frequencies and mode shapes.
Mode #1

FEM

EMA

Fig. 7—Experimental and computational mode sh
natural frequencies. Here, blue and red fra
shapes, respectively.
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3 BRAKE SQUEAL STUDIES

3.1 Experimental Investigation of
Brake Squeal

In order to investigate the brake squeal phenomenon, a
laboratory experiment is designed and built as illustrated
schematically in Fig. 10. In this experiment, a brake corner
assembly (excluding the suspension system) is driven by
Mode #2 Mode #3

apes for the brake pad; refer to Table 2 for
mes denote the non-deformed and deformed
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Mode #1

FEM

EMA

Mode #2 Mode #3 Mode #4

Fig. 8—Experimental and computational mode shapes for the caliper; refer to Table 2 for
natural frequencies. Here, blue and red frames denote the non-deformed and deformed
shapes, respectively.
an electric motor, and the braking action is generated with
a pneumatic actuator. During the experiments, brake disc is
first brought to constant speed and then the brakes are ap-
plied. The following measurements are acquired during
the squeal events: sound pressure with a microphone, ac-
celeration of caliper with a uniaxial accelerometer, hydrau-
lic brake pressure with a pressure transducer, shaft angular
speed with an optical tachometer, and brake disc tempera-
ture with an infrared thermometer. The experiments are
performed in a semi-anechoic room, and the data is ac-
quired with 20 kHz sampling frequency over a time du-
ration of 20 seconds.
Mode #1 Mode #2

FEM

EMA

FEM

EMA

FEM

EMA

Mode #5 Mode #6

Mode #9 Mode #10

Fig. 9—Experimental and computational mode sh
natural frequencies. Here, blue and red fra
shapes, respectively.
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In order to determine the most critical operational para-
meters at which squeal occurs, tests are conducted over a
wide range of hydraulic brake pressure and angular speed
levels. Additionally, tests are conducted at lower brake disc
temperatures (less than 50 �C) in order to minimize any
thermal effects; when the brake disc temperature is high,
the experiment is paused until the brake disc cools down
to a desired temperature. Measurements are recorded
only when the squeal noise is detected, and the opera-
tional conditions are noted.

Based on the abovementioned experiments, 30 squeal
events are detected and their frequencies are mostly around
Mode #3 Mode #4

Mode #7 Mode #8

Mode #11 Mode #12

apes for the carrier; refer to Table 2 for
mes denote the non-deformed and deformed
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Pneumatic 
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Air
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Pressure Transducer

AccelerometerDAQ

Electric Motor

Microphone

IR Thermometer

Fig. 10—Schematic of the brake corner experiment and instrumentation used for brake
squeal studies.
2400, 3400, 6800 and 9800 Hz as shown in Fig. 11 along
with measured (peak) sound pressures. The most signif-
icant peak is detected at 3400 Hz, and the peak at 6800 Hz
appears to be its super harmonic due to the friction non-
linearities. Furthermore, hydraulic brake pressure and
brake disc angular speed rangeswhere intense squeal noise
is observed are determined to be from 3.3 to 4.3 bar and
from 40 to 90 rpm, respectively. Distribution of frequen-
cies at which squeal events are observed is displayed in
Figs. 12(a) and 12(b) with respect to hydraulic brake pres-
sure and brake disc angular speed, respectively. Observe
that a few events are also detected at lower hydraulic brake
pressures, but the brake system is more prone to generate
squeal noise between 3.8 and 4.3 bar. In terms of the disc
angular speed, it is most likely to observe squeal event at
lower speeds. Thus, most squeal events are observed over
40 to 60 rpm interval.
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Fig. 11—Measured sound pressure (peak) levels a
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Measured time histories of sound pressure and acceler-
ation data at 3.9 bar and 70 rpm are shown in Fig. 13. As
evident from the figure, the squeal event is almost periodic
though the amplitudes increase successively in both mea-
sured sound pressure and acceleration. The narrow band
frequency spectra of these data (with a frequency resolu-
tion of 0.61 Hz) are depicted in Fig. 14, where a significant
peak appears at 2495 Hz. Also, its second harmonic at
4990 Hz is observed in both sound pressure and acceler-
ation spectra. Yet another typical measurement of sound
pressure and acceleration time histories at 3.9 bar and
45 rpm are shown in Fig. 15. The squeal is again observed
as the successive amplification of almost periodic sound
pressure and acceleration responses. Now the fundamen-
tal frequency appears at 3420 Hz in this measurement
(as shown in Fig. 16) though another peak at 2480 Hz is
close to the frequency (2495Hz) for this case as previously
y (Hz)

nd corresponding squeal frequencies.
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Fig. 12—Variation in squeal frequencies. (a) Effect of the hydraulic brake pressure; (b) Effect
of the brake disc speed.
shown in Fig. 14. Similarly, the second harmonic (of the
fundamental frequency) again appears at 6840 Hz in both
sound pressure and acceleration spectra.
3.2 Computational Model of the Brake
Corner Assembly

The computational model of the entire brake system
assembly is constructed using the experimentally validated
brake system components as discussed in Sec. 2. Of
most importance are surface to surface contacts that are
defined at the following interfaces: i) brake pad and brake
disc; ii) caliper and finger side pad backing plate; and iii)
piston and piston side pad backing plate. In order to
Noise Control Engr. J. 68 (1), January-February 2020
determine the dynamically unstable (squeal) frequencies,
the complex eigenvalue analysis is conducted on the as-
sembly using the following procedure: a) contacts between
backing plates and carrier clips are stabilized and brake
pressure is applied on the piston and caliper; b) an angu-
lar speed is imposed on the brake disc while assuming a
constant static friction coefficient at brake disc/brake pad
contact interface; a) real eigensolutions are calculated first
for the undamped system; and d) complex eigensolutions
(including the natural frequencies and mode shapes of
the assembly) are finally obtained.

The computational simulations are conducted at those
operational conditions where the squeal events are experi-
mentally observed, i.e., over 3.3–4.3 bar and 40–90 rpm.
31Published by INCE/USA in conjunction with KSNVE
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Fig. 13—Measured brake squeal time histories at 3.9 bar and 70 rpm. (a) Sound pressure;
(b) Acceleration.
Furthermore, simulations are run at alternate values of
friction coefficient at the brake disc/brake pad contact
interface and unstable frequencies (that may lead to squeal
noise) are determined.
3.3 Validation of Computational Model of
Squeal Phenomenon

As mentioned, computational eigenvalue analysis is
performed at alternate values of the brake disc/brake pad
contact interface friction coefficient, such as 0.3, 0.4, 0.5
and 0.6. Based on these results, two major unstable fre-
quencies are found at 2468 Hz (with a friction coeffi-
cient of 0.6) and 3514 Hz (with a friction coefficient of
32 Noise Control Engr. J. 68 (1), January-February 2020
0.4). Yet other unstable frequencies, say around 4200 Hz,
5800 Hz and 9000 Hz, are also found, but their mode
shapes suggest that these frequencies are associated with
the motions of brake pad clips. Mode shapes at the dom-
inant frequencies (2468 Hz and 3514 Hz) are shown in
Fig. 17. As seen from this figure, the brake corner assem-
bly exhibits a combined motion at 2468 or 3514 Hz where
all components are involved. Finally, the frequencies where
squeal events are detected in both experimental and compu-
tational studies are summarized in Table 5.

Two natural modes of the brake disc at the vicinity of
the first squeal frequency (2468 Hz) correspond to the
fifth (at 2336 Hz) and sixth (2628 Hz) modes (as listed
in Table 4 and Fig. 6); both are in-plane modes with two
Published by INCE/USA in conjunction with KSNVE
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Fig. 14—Narrow band frequency spectra of measured brake squeal signatures at 3.9 bar
and 70 rpm. (a) Sound pressure; (b) Acceleration.
and four nodal diameters, respectively. Further, the seventh
mode of the brake disc occurs at 3684 Hz (in-plane mode
with five nodal diameters) that is close to the second squeal
frequency (3514 Hz). Finally, two natural frequencies of
caliper (close to the squeal frequencies) at 2550 Hz (sec-
ond mode) and 3502 Hz (fourth mode) are observed, and
their corresponding mode shapes are described as pitch
and yaw motions (Table 4 and Fig. 8). Comparing the ex-
perimental modal analysis results of brake disc and caliper
with the computational model results of Fig. 17 (ob-
tained via the complex eigenvalue analysis at 2468 Hz
and 3514 Hz), it is seen that there are two and five nodal
diameters, respectively, on the brake disc. Observe that
these modes correspond to the fifth and seventh modes
Noise Control Engr. J. 68 (1), January-February 2020
of the brake disc that has natural frequencies close to
the squeal frequencies. However, the role of caliper mo-
tion is not well understood, and thus, the operational de-
flection shape measurements during the squeal events
are performed next.
3.4 Operational Deflection Shape Analysis
during Squeal Events

As previously explained, two squeal events are detected
during operational experiments that occur at distinct
frequencies (2495 Hz and 3420 Hz). For a better under-
standing of the underlying dynamics that the brake cor-
ner assembly exhibits at these frequencies, operational
33Published by INCE/USA in conjunction with KSNVE
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Fig. 15—Measured brake squeal time histories at 3.3 bar and 40 rpm. (a) Sound pressure;
(b) Acceleration.
deflection shape (ODS) measurements are conducted on
the caliper with eight uniaxial accelerometers. The mo-
tion measurement positions are illustrated in Fig. 18, and
their role is as follows: i) two accelerometers (denoted 1
and 2) on the tips of the fingers measure in the direction
that is orthogonal to the brake disc plane; ii) two acceler-
ometers (3 and 4) at the finger/bridge connections measure
in the direction that is orthogonal to brake disc plane;
iii) two accelerometers (5 and 6) on the bridges measure
in the radial direction of the brake disc; and iv) two accel-
erometers (7 and 8) on the guide pin housings measure in
the radial direction of the brake disc.

The operational deflection shapes determined from
8 measurement locations are depicted in Fig. 19. The
motion of the caliper is pitching-like at 2495 Hz, and
34 Noise Control Engr. J. 68 (1), January-February 2020
the caliper motion at 3420 Hz is yaw-like. Hence, the
ODS analysis is consistent with mode shapes of the cal-
iper at corresponding frequencies. This leads to the con-
clusion that the source of the squeal problem (seen in this
particular brake corner assembly) is related to the cou-
pling of brake disc and caliper modes under friction-
al excitation.
4 CONCLUSION

The chief goal of this case study is to examine the brake
squeal phenomenon as observed on a particular brake cor-
ner assembly (excluding the suspension system) by using
well recognized experimental and computational ap-
proaches. Accordingly, the objective of this case study
Published by INCE/USA in conjunction with KSNVE
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Fig. 16—Narrow band frequency spectra of measured brake squeal signatures at 3.3 bar
and 40 rpm. (a) Sound pressure; (b) Acceleration.

ba

Fig. 17—Mode shapes of the brake corner assembly using FEM. (a) Mode at 2468 Hz; (b) Mode
at 3514 Hz.
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Table 5—Comparison between experimentally (fEXP)
and computationally (fFEM) detected squeal
frequencies and corresponding error.

fEXP (Hz) fFEM (Hz) E = 100 � j fEXP � fFEM j /fEXP
2495 2468 1.08%
3420 3514 2.75%
is limited to a thorough investigation of brake squeal prob-
lem without proposing any noise control solutions. The
modal characteristics of the brake system components
are investigated using both experimental (modal tests)
and computational (finite element) methods. A good corre-
lation between experimental and computational natural
frequencies and mode shapes is obtained, leading to exper-
imentally validated models. Next, a controlled laboratory
experiment is designed and built for noise and vibration
troubleshooting, and the squeal events are successfully
1 2

3 4

5 6

7 8

Fig. 18—Accelerometer positions for the
operational deflection shape
(ODS) measurements.

2495 Hz

Fig. 19—Operational deflection shapes determined
Here, blue and red frames denote the non
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detected at two dominant frequencies. The computational
models of the brake system components are also utilized
to develop a comprehensive model of the brake corner as-
sembly, and frequencies corresponding to dynamic insta-
bility are obtained via the complex eigenvalue analysis
method at selected operational conditions. These predicted
frequencies are close to the ones experimentally detected.
Finally, the operational deflection shape measurements
are performed on the laboratory experiment, and motions
of the caliper during the squeal events at two frequencies
are identified. The complex eigenvalue analysis results ex-
hibit motions similar to those experimentally observed. It
is therefore concluded that the squeal problem emerges
due to a coupling of the pitch and yaw motions of the cal-
iper where specific modes of the brake disc participate.
Finally, this case study clearly illustrates the following
guidelines. First, a combined computational and experi-
mental methodology must be employed to gain a better
understanding of the squeal noise problem; experimen-
tal validation of the brake component or system models
is key to a systematic noise control investigation. Second,
the squeal noise problem may be reduced or eliminated
at the design stage through judicious design modifica-
tions via structural finite element models. For instance,
certain modes of the brake disc and associated caliper
must be well separated in terms of their frequencies. Over-
all, a better understanding of the squeal noise problem
is obtained.

The scope of this article has been limited to a particular
brake corner assembly, and the squeal studies are con-
ducted via a controlled laboratory experiment. It should
be mentioned that the dynamic response of the same
brake corner assembly in a vehicle may alter due to dif-
fering boundary and operational conditions as well as
the sensitivities of vehicle transfer paths. In a typical ve-
hicle, the brake corner assembly is coupled to the suspen-
sion system which is clearly excluded in the laboratory
experiment. Differences due to operational conditions arise
3420 Hz

from measurements during the squeal events.
-deformed and deformed shapes, respectively.
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mainly due to the hydraulic brake pressure levels applied
on the experiment and vehicle. In the experiment, the
brake disc is driven by an electric motor, and due to its
power limitations, hydraulic brake pressure levels achieved
are lower than what are observed on a vehicle. The higher
brake pressures in a vehicle lead to higher thermal loads
but temperature of the brake corner assembly in the labora-
tory experiment is kept at lower levels in order to minimize
any complications due to the thermal effects. Finally, the
computational model is now ready for noise control simu-
lations but vehicle tests must be conducted in order to
verify plausible source solutions while resolving the sen-
sitivities of airborne and structureborne paths.
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